I. INTRODUCTION
T WO-PHASE cooling devices, such as heat pipes and vapor chambers have proven to be among the most efficient passive cooling devices for electronics cooling. Flat heat pipes and vapor chambers [1] - [5] are widely used as high-conductivity heat spreaders in various kinds of electronic systems. The continuously increasing power density of modern electronics demands novel thermal spreaders with higher thermal conductivity and high heat transport capability. Also, high-power electronics can benefit from improved CTEmatching, which enables the use of high-performance die attach materials, such as solder. Generally, the maximum heat transport capability and thermal conductivity of such devices are governed by the wick structure of the device. However, the vapor space may pose a significant thermal resistance at small length scales. In recent work, the authors [6] , [7] studied the wicking and evaporation characteristics of various microstructures to be used in heat pipes and concluded that sintered particle wicks have the best performance characteristics among those considered. Numerical models for vapor chambers, which account for the effects of thin-film evaporation and Marangoni convection during the change of phase of the working fluid in the wick structure have also been developed [8] , [9] . These models have led to a better understanding of the mechanisms of heat transport in the two-phase cooling devices. Also, the optimization of the device geometry under a given set of manufacturing constraints has become possible due to the development of these numerical models.
Vadakkan et al. [10] , [11] developed a 3-D numerical model to study the performance of flat heat pipes with multiple discrete heat sources. In a recent study, Do et al. [12] presented a mathematical model for predicting the thermal performance of a flat micro heat pipe with a rectangular-grooved wick structure. They considered the effects of liquid-vapor interfacial shear stress and contact angle on device performance. Carbajal et al. [13] used a quasi-3-D numerical analysis to obtain the temperature distribution on the back side of a flat heat pipe. They demonstrated that the flat heat pipe led to a more uniform temperature distribution on the condenser side compared to a solid heat spreader. Koito et al. [14] developed a numerical model to solve the flow and energy equations in vapor chambers, and estimated the capillary pressure head necessary to circulate the working fluid inside the vapor chamber. Simplified resistance network models [15] for heat pipes have also been developed, and assume a given heat transfer coefficient for the evaporator section of the heat pipe. Such models also consider the resistance of the vapor core to be negligible, which may not be accurate at small length scales and for very thin vapor chambers.
The numerical models for heat pipes developed in the literature as discussed above are not applicable to higher heat flux conditions under which nucleate boiling occurs in the wick structure. At high heat flux inputs, Weibel et al. [16] showed that nucleate boiling occurs in the wick structure of a heat pipe, leading to a reduction in the wick thermal resistance. In this paper, a numerical model is developed for prediction of the thermal performance of very thin vapor chambers, also known as a TGP, at high heat flux inputs. The model considers the effects of boiling in the wick structure on the thermal performance of the device. Heat transfer experiments have been conducted on custom-fabricated TGPs to validate the numerical model at various heat inputs. Results from this paper reveal the effects of device scaling on its performance. The study of different TGPs of different geometric dimensions leads to a determination of the factors to which the TGP thermal performance is most sensitive. The simulations performed on a 1-mm thick TGP, with a 0.2-mm thick vapor core, suggest that the flow and thermal resistances offered by the vapor core are significant in comparison to the wick and substrate wall resistances. The design optimization of such a thin vapor chamber device is performed by varying the geometrical design parameters, viz., wick and vapor core thicknesses, while keeping the substrate wall thickness fixed.
II. PROBLEM DESCRIPTION
The geometry of the device under consideration, as well as the material properties of the various components of the device, is described here.
A. Device Geometry
The cross-sectional and plan views of the TGP vapor chamber considered are shown in Fig. 1 . The device has a foot-print area of 30 mm × 30 mm and a thickness of 3 mm. The heat input is applied on a 5-mm × 5-mm area (evaporator) on the upper surface of the device, while the lower surface (condenser) is subjected to cooling conditions. The shell of the TGP device is made up of 0.51-mm thick coppermolybdenum-copper (CuMoCu), and contains a 1-mm thick sintered wick structure on the inside of the heated side. Four circular porous posts of 2-mm diameter each, with solid copper cores of 1-mm diameter, are included to provide mechanical integrity to the ultrathin vapor chamber during operation at sub-atmospheric internal pressures. The posts are fabricated symmetrically about the center of the device with their centers lying on the four corners of a 10.16-mm square. Two designsone with a 200-μm-thick wick and the other with no wick on the condenser side -are fabricated. The second design allows a quantification of the effect of a wick-less condenser side on device performance. The experiments for this paper, described in Altman et al. [17] , show that the two alternate designs do not lead to any significant change in the thermal performance of the vapor chamber at low heat flux inputs (<100 W/cm 2 ). Only the first design with a 200-μm-thick wick on the condenser side is considered in the modeling effort here. For higher heat inputs, a semi-empirical approach is employed to predict the TGP performance. The predictions from the model are compared with the experimental results for both vapor chamber designs of the vapor chamber. In the case of the wick-less condenser, a thin liquid film would form on the inside wall due to condensation of vapor. This liquid film does not materially affect the thermal performance of the device, as noted from the experiments. In Section IV, it will be shown that the 200-μm-thick wick on the condenser side poses an insignificant resistance in comparison to the total thermal resistance of the device, good agreement is found between model predictions and experimental results from both vapor chamber designs.
B. Material Properties
The wall of the vapor chamber is made up of a CuMoCu layered structure (13% Cu, 74% Mo, and 13% Cu). The composition of the walls was determined to provide an acceptable CTE-match to enable high performance thermal interface material (TIM) attach for the devices of interest. The thermal conductivity, specific heat, and density of this composite layer are computed from an equivalent thermal resistance of Cu (13%), Mo (74%), and Cu (13%) layers in series. The working fluid is water, while the wick structure is made up of sintered particles of 100-μm average diameter. The wick structure with a porosity of 50% has a capillary radius (r c ) of 23.5 μm and a permeability of 9.47 ×10 −12 m 2 . The material properties used in the model are presented in Table I . The numerical model employed here is adapted from previous work by the authors [8] , [10] , and [11] . An equilibrium model for heat transfer accounts for the transient variations in the rates of evaporation and condensation at the liquid-vapor interface in the device and the resulting pressurization of the vapor core. A Brinkman-Forchheimer extended Darcy model is employed for fluid flow in the wick. The transient change in vapor density due to pressurization upon heating is calculated using the ideal gas state equation. The vapor flow is assumed to be laminar and incompressible. The phase-change mass flow rate due to evaporation/ condensation and the temperature and pressure at the liquid-vapor interface are determined using an energy balance at the interface in conjunction with kinetic theory and the Clausius-Clapeyron equation. The energy balance at the interface includes convection and conduction on the liquid and vapor sides. The vapor flow and the temperature and hydrodynamic pressure fields are computed from coupled continuity, momentum and energy equations in the vapor and wick regions, and a conduction analysis in the wall. The model assumes that the wick is saturated with liquid throughout, which is required to prevent dryout.
To accommodate transient changes in the vapor and liquid mass under the assumption of a liquid-saturated wick, the volume-averaged density of the liquid is modified based on the mass balance. The model assumes all thermophysical properties to be constant except for the vapor density, which is found from the operating pressure P op and the local temperature using the perfect gas law.
A. Governing Equations and Boundary Conditions
Under the assumptions discussed above, the generalized governing equations for the wick and vapor regions may be written as shown below. The continuity equation for the wick and the vapor core is
The term ∂ρ/∂t accounts for mass addition or depletion in the vapor and liquid spaces. The 3-D momentum equations in the wick and the vapor core are ∂ρu ∂t
In the vapor core, permeability K = ∞ and porosity ε = 1. The energy equation in the wall, wick and vapor core is
Here (ρC) m assumes different values in the wall, wick, and vapor core
Also, k eff and ρ are the effective conductivity and density in the region of interest and assume appropriate values in the wall, wick, and vapor core. In the wick (comprised of sintered copper particles), an effective conductivity value of 40 W/mK is assumed [18] .
The following boundary conditions are imposed on the domain.
1) Wick-vapor interface: Change of phase from liquid to vapor is assumed to occur at the wick-vapor core interface. The interface temperature T i is obtained from the following energy balance at the interface:
Here, m i < 0 denotes evaporation and m i > 0 denotes condensation. The interface pressure P i is obtained from the Clausius-Clapeyron equation, with P 0 and T 0 being reference values R h fg ln
The interface mass flux is calculated using kinetic theory of gases [19] 
The above expression has been obtained with the assumption that the mean evaporation coefficient is equal to the mean condensation coefficient, where their variation with temperature and pressure may be assumed to be small. A value of unity for the accommodation coefficient has been used in this paper [20] , [21] . The evaporated and condensed mass is assumed to flow normal to the interface when accounting for transport due to evaporation/condensation.
2) Wick-wall interface
3) Upper wall:
4) Lateral walls
Adiabaticwalls :
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Condenser section
where, h c is the convective heat transfer coefficient at the outer surface of the condenser section. Its value (8240 W/m 2 K) in this paper is decided based on the experimental setup. In addition, the following initial conditions are imposed:
Additional details of the numerical method are available in [8] , [10] , and [11] . The transient governing equations are solved using the commercial computational fluid dynamics (CFD) solver FLUENT [22] . Suitable user-defined functions are developed to compute the evaporation/condensation mass flow rates, temperature and pressure at the wick-vapor interface, as well as the liquid and vapor densities at every time step. The attainment of steady state is identified in this paper as the time at which the heat transfer rate on the condenser side reaches within 2% of the value at the evaporator.
B. Evaporation Versus Boiling Regimes
Evaporation and condensation at the wick-vapor interface are the primary mechanisms for phase change of the working fluid in a heat pipe. As the heat input to a vapor chamber is increased, the operating temperature and pressure increase. At a certain input heat flux, incipience of nucleate boiling occurs in the wick structure of the device. Boiling incipience leads to a higher heat transfer coefficient at the wall-wick interface, and thus, leads to a decrease in the thermal resistance of the device. Weibel et al. [16] reported the incipient heat flux to be in the range of 50 W/cm 2 for 200-μm-thick sintered particle wicks using visualization experiments. They tested the wick structures for their thermal performance with water as the working fluid in an experimental facility under conditions similar to those in a vapor chamber. The experiments were performed on wicks of varying thickness and pore size with a heat input area of 5 mm × 5 mm and in a saturated vapor environment. The thermal resistance of the wick structure was shown to decrease upon the incipience of boiling, and the extent of the decrease was found to be equivalent to a removal of the resistance of the wick structure in the series resistance network. Based on these quantitative measurements and visualizations, Weibel et al. showed that while evaporation at the lower heat fluxes occurs at the liquid layer at the surface of the wick (the wick-vapor core interface), the location of phase change upon the incipience of boiling at higher fluxes transfers to the wall-wick interface at the base of the wick instead.
In this paper, a semi-empirical approach is adopted to predict the performance of the vapor chamber device under boiling conditions at high heat flux inputs. The incipient heat flux is chosen based on the experiments performed on the custom-fabricated vapor chambers, and the incipient temperature for nucleate boiling is determined in the model based on the incipient heat flux. Nucleate boiling is assumed to start at the wick-wall interface and the spatial extent in the wick over which boiling occurs is determined by the local wick temperature. In order to predict the thermal performance of the device with boiling at the base of the wick structure, the thermal resistance of the portion of the wick undergoing boiling is minimized. This is done by increasing the thermal conductivity of the wick region undergoing boiling. For the given incipient heat flux, the boiling wick thermal conductivity, k wick_boil , is adjusted so that the TGP thermal resistance predicted by the numerical model agrees with the experimental value. The same value for k wick_boil is used for higher heat flux inputs. In this paper, k wick_boil has been taken as 175.3 W/m K and leads to a reasonable match between the model predictions and experimental results. It should be noted that the boiling wick thermal conductivity, k wick_boil , is a semi-empirical quantity. This is in contrast to the quantity k eff [in (5)], which represents the wick bulk thermal conductivity obtained as k eff = ε * k l +(1−ε) * k s . When boiling occurs in the wick, the semi-empirical k wick_boil replaces k eff for predicting the device performance under boiling conditions.
IV. EXPERIMENTAL SETUP
A schematic diagram of the experimental test setup is shown in Fig. 2 . The heat input to the TGP device is applied through a copper heater block capable of generating inputs as high as 800 W/cm 2 . The lower temperature boundary condition is prescribed at the bottom surface of the vapor chamber via contact with a cooling water jacket, and is measured via a thermocouple (TC) block made up of copper as shown. Fifteen TCs are placed at various locations in the experimental facility, as shown in Fig. 2 , in order to map the local temperature. Heat flow through the copper heater block is determined using linear regression analysis from three in-line type-T immersion probestyle TCs inserted into the copper block. The temperature of the top surface of the vapor chamber under test is sensed by a custom TC made from special limit of error TC wire that is insulated from the Cu block with a small ceramic tube and makes physical (and electrical) contact with the Cu surface through a thin-layer of Shin-etsu X23-7762 thermal grease. The heat input to the TGP device is calculated based on the temperature measurements in the copper heater block. It should be noted that this is not a conservative estimate of the heat input to the device since heat losses through radiation and natural convection occur from various parts of the test facility. Shin-etsu grease is used to minimize interface resistance between the heater block at the TGP, while sheets of a TIM from Bergquist Company are used to interface the lower TC block with the TGP and the cooling jacket. Additional details of the experimental setup are available in Altman et al. [17] . Fig. 3 shows the blocks representing various parts of the test setup in the model. These include the TGP vapor chamber device, the TC block, and the two thermal contact pads between the TGP and TC block and between the TC block and the cooling water jacket. Input heat flux is applied on the evaporator surface of the TGP while a convective boundary condition, representing the effect of cooling water jacket (h c = 8240 W/m 2 K), is applied on the bottom surface of the lower thermal interface pad. The water temperature in the cooling jacket is kept constant in the experiments and the heat flux is varied at the evaporator. The thermal interface pads are modeled as a 0.05-mm-thick planar material with a thermal conductivity of 0.5 W/m K.
A 1-D thermal resistance network model for the test setup is shown in Fig. 2 . Temperature T 1 is measured at the heater block while T 2 represents the evaporator temperature. T 3 -T 14 are measurements from the TCs distributed symmetrically in the TC block. The input heat flux is increased stepwise and steady-state temperatures are measured at various TC locations. Resistances R 1 -R 4 , denoting different components of the test setup as shown in Fig. 2 , are obtained from the measured temperatures. R 4 represents the thermal resistance from TGP evaporator to the coolant (T 2 to T 15 ) and has been referred as the stack resistance in latter sections.
V. RESULTS AND DISCUSSION
Results from the numerical model developed in this paper are first validated against the two TGP devices described in Section II-A. The model validation is followed by a discussion of the flow and temperature fields inside the device for a given heat flux. Finally, the numerical model is used to identify some of the geometrical parameters to which the device performance is most sensitive. Fig. 4(a) shows the various parts of the computational domain. The model includes the TGP device, TIM between the TGP and the TC block, TC block made up of copper, and the TIM between the TC block and the cooling water jacket. Only a quarter of the assembly is included in the model, exploiting existing symmetries. Thermophysical properties of the TIM and the TC block along with the boundary conditions for the model are presented in Table II . The simulations are performed with a 200-μm-thick wick structure on the condenser side of the TGP.
A. Model Validation
The wick and vapor domains of the TGP are shown in Fig. 4(b) . The wick is modeled as a continuous domain with a thickness of 1 mm on the evaporator side and 200 μm on the condenser side of the vapor chamber. The wicks on the condenser and evaporator sides are modeled as a connected domain via a 200-μm-thick wick along the side walls. Also, the wicks on the two sides are integrated with that around the circular porous posts.
A simplified 1-D resistance network model for the TGP device is shown in Fig. 5(a) , and is used to obtain first-order estimates of various resistances in the vapor chamber. The various resistances represent: 1) the spreading in the substrate (CuMoCu) and wick on the evaporator side (R TGP1 ); 2) conduction in the substrate and wick (R TGP2 ); 3) evaporation at the liquid-vapor interface on the evaporator side (R TGP3 ); 4) the vapor core (R TGP4 ); 5) condensation at the liquid-vapor interface on the condenser side (R TGP5 ); 6) conduction in the wick on the condenser side (R TGP6 ); and 7) conduction in the substrate wall on the condenser side (R TGP7 ). R TGP1 is computed from a numerical model where the heat conduction equation is solved in the substrate wall (0.51-mm-thickness) and the wick (1-mm-thickness). The input heat flux is applied on the evaporator surface, and the wick-vapor interface (lower boundary of the domain) is subjected to a convection boundary condition with a vapor temperature 298 K and convective heat transfer coefficient = 10 6 W/m 2 K. This coefficient signifies the high cooling heat transfer rate [7] due to evaporation. (Fig. 5(a) ) of the TGP, as presented in Table III , are based on the material properties and geometry described in Table I and Fig. 1 , respectively. The thermal resistance of the vapor core is assumed to be negligible (R TGP4 ∼ 0) [15] as is common practice in the literature. From the values for resistances, it can be observed that R TGP1 poses the highest resistance in the TGP. Also, the resistance offered by the wick on the condenser side, R TGP6 , is negligible in comparison to the total resistance of the TGP. This is consistent with the observed independence of the experimental results on the presence of a wick on the condenser side for the range of lower heat flux inputs (<100 W/cm 2 ). It will also be shown below that the experimentally measured thermal resistance of the TGP with a wick-less condenser agrees well with the model predictions for the TGP with a 200-μm-thick wick on the condenser side. Fig. 6 presents a comparison between the model predictions for the stack resistance R 4 with the experimental measurements. Experiments were performed on the fabricated TGP device, denoted as TGP 1. The bars on the experimental data reflect the uncertainties in the temperature measurement. The thermal conductivity of the wick in the fabricated TGPs is unknown and is varied in the range 30 W/mK-40 W/mK. In Fig. 6 , the model predictions are shown for k wick = 30 and 40 W/mK. For the higher wick thermal conductivity (40 W/mK), the model predictions for thermal resistance are lower than the experimental values. Based on this comparison, a wick thermal conductivity of 30 W/mK seems suitable for the sintered particle wick structures fabricated in this paper. The comparison presented in Fig. 6 shows that the model predictions are in reasonable agreement with the experimental values. Also, the thermal resistance of the TGP is shown to be relatively constant over input heat fluxes ranging from 18 to 220 W/cm 2 , this implies that boiling incipience did not occur in the vapor chamber over these input heat fluxes. The thermal resistance of all other TGP designs is shown in the next section to decrease with increasing heat flux, typically at a heat flux input of ∼110 W/cm 2 . This appears to indicate that the incipience of boiling is delayed in TGP 1 due to the presence of the wick structure on the condenser side. A detailed study of the impact of the wick structure on the condenser side is needed to fully understand this delayed boiling incipience.
B. TGP With Condenser Wick

C. TGP With No Condenser Wick
In a vapor chamber, the absence of a wick structure on the condenser side may lead to a decrease in the thermal resistance of the device. In this case, the vapor condenses on the inner wall of the device, leading to the formation of a thin condensate liquid film. The condensate forms a continuous liquid film on the wick-less internal wall of the vapor chamber, and the liquid is conveyed back to the evaporator section by capillary action of the wick structure on the side walls and porous posts. Such TGPs with no wick on the condenser side were also fabricated in order to experimentally compare their performance with TGPs that do feature a condenser wick. As discussed earlier, the thermal resistance of the TGP vapor chambers of the two designs performed similarly in the experiments for low heat flux inputs (<100 W/cm 2 ), thus the model for the device with a 200-μm-thick wick structure on the condenser side was also used to predict the performance of the TGPs with no condenser wick. The TGP performance in the higher heat flux input regime was predicted by using a semi-empirical approach, as described in Section III-B. Fig. 7 shows a comparison between the model predictions and the experimental values for the stack resistance R 4 ( Fig. 2) as a function of the input heat flux. The numerical model considers two values of the wick thermal conductivity, 30 and 40 W/mK. The experimental values of the stack resistance are obtained from two sets of experiments each performed on two nominally identical TGP vapor chambers (TGP 2 and TGP 3). From the experimental values, R 4 is observed to be nearly constant in the lower heat flux regime (<110 W/cm 2 ), while it decreases in the range ∼110 W/cm 2 -185 W/cm 2 . While both the devices perform similarly at large heat fluxes, large scatter in the data is observed at low heat inputs. This scatter in the experimental data is primarily attributed to manufacturing and experimental uncertainties [17] . Complex thermal and hydrodynamic phenomena occurring in the vapor chamber may also contribute to some of the observed variations, but are not understood to an extent that allows their inclusion in the modeling effort. For higher input heat fluxes (>185 W/cm 2 ), R 4 attains a near-constant value (∼0.7 K/W). This variation suggests that the incipience of boiling occurs in the vapor chamber for an input heat flux of ∼110 W/cm 2 . This heat flux is chosen in the numerical model as the incipient heat flux for nucleate boiling in the wick structure, and the highest temperature at the wick-wall interface is computed for this incipient heat flux. Based on this simulation, the incipience temperature for nucleate boiling in the wick structure is determined to be 320 K. This incipient temperature for boiling is used in all other simulations reported here. This is the only criterion prescribed in the numerical model for the onset of nucleate boiling in the wick structure.
The region undergoing boiling in the wick structure is then determined based on the incipient temperature distribution at the wick-wall interface, and the thermal conductivity of this portion of the wick is set at a higher value (k wick_boil = 175.3 W/mK) to match the value of R 4 obtained from the experiments at the incipient heat flux. The same incipience temperature and k wick_boil are used in the numerical model to predict the performance at all higher heat fluxes. The heat flux range of 0 W/cm 2 -110 W/cm 2 is identified as the pure evaporation regime where evaporation and condensation are the only phase change mechanisms in the TGP. Over the heat flux range of 110 W/cm 2 -185 W/cm 2 , transition to boiling occurs and boiling spreads to the whole wick on the heated side at input heat fluxes of 185 W/cm 2 or greater. In the transitional boiling range of heat flux, the resistance of the TGP decreases as the area experiencing boiling in the wick region increases, since this part of the wick poses much lower resistance to heat transfer. For higher heat fluxes (>185 W/cm 2 ), the TGP resistance becomes constant since there is no further increase in the area of the wick undergoing boiling. The model predictions are in reasonable agreement with the experimental results and the model is seen to capture the three operating regimes of the TGP vapor chamber. For the higher wick thermal conductivity (k wick = 40 W/mK), boiling incipience occurs at a higher heat flux relative to the case with k wick = 30 W/mK. In the transition and pure boiling regimes, both values of the wick thermal conductivity lead to similar performance predictions as would be expected. In the pure boiling regime, the wick thermal conductivity is set to k wick_boil and R 4 is independent of the choice of k wick . In the remaining simulations in this paper, k wick is set as 30 W/mK due to the somewhat better match with experiments in the evaporation regime. Fig. 7 also compares the performance of the TGP device with a solid heat spreader (3-mm-thick) made up of the wall material (CuMoCu, k = 167.8 W/mK). It can be seen that the use of a vapor chamber as a heat spreader is only justified for higher heat fluxes (>100 W/cm 2 ) for the given geometry and the mounting surface temperature. Similar constraints on the benefits of using a vapor chamber in electronics cooling have been discussed in Sauciuc et al. [2] . However, the drop in the resistance occurs at a lower heat flux when the mounting surface temperature is raised, thus making the TGP a more effective heat spreader at lower heat fluxes.
D. Flow and Temperature Fields
The flow and temperature fields in the TGP device for an input heat flux of 89 W/cm 2 and a wick thermal conductivity of 30 W/mK are presented here. The TGP with a wick on the condenser side (200-μm-thick) is considered. The steady-state temperature contours on the external boundaries of the computational domain are shown in Fig. 8 . It is noted that the steepest temperature gradients are observed in the substrate wall (in the lateral direction) and in the wall and the wick structure (in the transverse direction), both on the evaporator side. This signifies that the limiting resistances in the performance of the device are offered by the substrate wall and the wick. Fig. 9 (a)-(c) presents the velocity vectors on various vertical planes in the wick structure, on a horizontal plane in the wick structure, and on a horizontal plane in the vapor core. It is interesting to observe that the condensate in the condenser wick structure returns to the evaporator side through two different paths, the wick structure on the side walls and the porous posts, as shown in Fig. 9(a) . The presence of the porous posts offers a shorter path for liquid return to the evaporator area, thus decreasing the total liquid pressure drop. Thus, the porous posts lead to an increase in the capillary limit and the maximum heat transport capability of the vapor chamber. Fig. 9(b) shows the liquid flow in the wick structure on the evaporator side of the device, while Fig. 9(c) shows the flow of vapor from the center of the device toward its side walls.
The temperature on the external surfaces (evaporator, adiabatic, and condenser) of the vapor chamber is shown in Fig. 10(a) . The temperature is highest at the center of the device on the evaporator side and drops in the adiabatic region. The lower surface of the device, i.e., the condenser wall, has a uniform temperature. This shows that the vapor chamber works as an excellent heat spreader. Fig. 10(b) shows the heat flux on the condenser (bottom boundary) surface of the TGP. It can be observed that the heat flux output from the bottom surface of the TGP (condenser surface) is quite uniform, again depicting the heat spreading of the device.
The variations of the steady-state flow pressure drops in the wick and vapor core of the device are presented, as a function of the input heat flux in Fig. 11 . The vapor pressure drop is observed to be very small in comparison to the liquid pressure drop in the device at any input heat flux. It accounts for approximately 10% of the total pressure drop for a heat flux range of 18 W/cm 2 -89 W/cm 2 . The variations of pressure drops are observed to be linearly proportional to the input heat flux. The total pressure drop from these predictions follows the relationship:
The available capillary pressure for the liquid transport in the device can be calculated based on the pore radius of the sintered particle wick structure [6] . For a sintered particle wick structure with an average particle diameter of 100 μm, the maximum nondimensional capillary pressure ( P cap r/γ lv ) is 5.21. Based on (16), the capillary limit of the TGP device would be ∼1929 W/cm 2 . It should be noted that this limit corresponds to a single phase pressure drop in the device, with the incipience of boiling, the liquid pressure drop may be significantly higher than that predicted by the present model, and may reduce the capillary limit significantly. It may be noted that even at fluxes as high as 500 W/cm 2 , dry-out of the vapor chamber has not been noted in the experiments [16] , [17] .
E. Performance of an Ultrathin Device
Using the model developed above, the geometry of an ultrathin TGP vapor chamber (total thickness of 1 mm) is optimized here. Such thin devices are of importance for the thermal management of thickness-constrained, high heat flux microelectronics packages. It will be shown in this section that the device performance does not scale linearly with its size, and that small length scale effects become important for thinner devices. The device performance is also strongly correlated to the ambient temperature on the condenser side. The numerical model developed in this paper resolves the effects of scaling, which is essential in the design of such devices.
The performance of a 1-mm-thick TGP with 0.25-mm-thick substrate wall, 0.2-mm-thick wick on the evaporator side, and 0.05-mm-thick wick on the condenser side, and a 0.25-mm-thick vapor core (referred to as the 'nominal' TGP in the rest of this discussion) is first simulated and presented. The wick thermal conductivity, permeability, and porosity are taken as 30 W/mK, 6.45 × 10 −12 m 2 , and 50%, respectively, for all the simulations in this section. The other material properties and boundary conditions are taken to be the same as in Tables I and II , the TIMs and TC Cu block are not included in the simulations here. The condenser side boundary conditions are applied on the lower wall of the TGP device. Two values of ambient temperature, 293 and 333 K, are investigated to observe its effect on the device performance. Since the convective heat transfer coefficient on the condenser side is prescribed to be very high (8240 W/m 2 K), the ambient temperature is essentially realized on the condenser side of the vapor chamber. The simulation results reveal the vapor core to be an important design parameter for optimizing the performance of the vapor chamber at the lower ambient temperature condition (293 K). The other input parameters to be optimized for given desired outputs are then discussed, followed by the optimization analysis for these ultrathin TGPs.
1) TGP Thermal Resistance and Pressure Drop: Fig. 12(a) shows the TGP resistance, the vapor core thermal resistance as well as the total and vapor flow pressure drops for various heat flux inputs for the 1-mm-thick nominal TGP and the condenser-side ambient temperature of 293 K. It is interesting to note that the thermal resistance of the 1-mm-thick TGP decreases as the input heat flux is increased from 18 to 89 W/cm 2 , in contrast to the behavior of the 3-mm-thick TGP where the thermal resistance was noted to be constant over this range of heat flux. The thermal resistance of the vapor core is found to be significant (∼40% of R TGP ) in the case of this thinner vapor chamber, unlike the case of the 3-mm-thick device. At smaller length scales, the pressure drop in the vapor core becomes significant due to the high vapor phase velocities (ranging from 15 m/s-60 m/s for heat inputs of 18 W/cm 2 -89 W/cm 2 ). The high flow pressure drop leads to a significant temperature drop in the vapor core.
With increasing heat input, the vapor pressure and temperature drops also increase. However, the thermal resistance of the vapor core decreases as the input heat flux is increased, indicating that the vapor phase pressure and temperature drops do not increase linearly with device heat input. The vapor core saturation temperature increases from 293.4 to 295.2 K as the input heat flux is increased from 18 to 89 W/cm 2 , which also leads to an increase (∼20%) in the vapor phase density with input heat flux. Hence, the vapor core flow velocity and correspondingly the vapor core pressure drop do not increase linearly with the device heat input. Fig. 12 (a) also shows that the vapor pressure drop accounts for ∼25% of the total flow pressure drop for any input heat flux for this ultrathin vapor chamber, with a 0.25-mm vapor core; similar results were reported by Vadakkan et al. [23] . The thermal performance of such a thin vapor chamber device at the prescribed ambient temperature of 293 K is worse than a solid heat spreader made up of the substrate material (CuMoCu), which offers a thermal resistance of 0.27 K/W at any heat input. The use of very thin vapor chambers for electronics thermal management for lower ambient temperatures (<298 K) is only recommended relative to a solid heat spreader, if the vapor core resistance in the vapor chamber is decreased. The vapor core resistance may be decreased by increasing its thickness, as discussed in the next section, or by increasing the operating saturation temperature. When the ultrathin TGP device operates at a higher condenser side ambient temperature of 60°C, however, the vapor core pressure and temperature drops are noted to be insignificant ( Fig. 12(b) ) as compared to the total pressure drop and TGP total resistance, respectively. At higher condenser temperature, which is also reflected as a higher vapor core saturation temperature, the vapor density increases, leading to a smaller vapor phase velocity which in turn causes smaller flow pressure and temperature drops. Thus, the vapor core thickness is an insignificant design parameter for device applications at higher saturation temperatures, i.e., under conditions at which the chip operates in higher ambient temperature conditions (higher temperature on the condenser side). At the higher operating temperature, predictions from the 1-D and numerical models are in good agreement as the vapor core thermal resistance is low. Fig. 13 (a) and (b) shows the temperature contours on the exterior boundaries of the TGP (a one-eighth model is simulated, exploiting symmetry in the device) and the wick-vapor interfaces, respectively, for an input heat flux of 89 W/cm 2 and a condenser side ambient temperature of 293 K. Steep temperature gradients in the transverse direction occur not only in the substrate wall and the wick but also in the vapor core of the device, again in contrast to the thicker TGPs. These simulations reveal the thickness of the vapor core to be an important parameter for device optimization for low ambient temperature applications.
The resistances of various components of the ultrathin TGP are computed based on the 1-D resistance network model ( Fig. 5(a) ) and are presented in Table IV . The resistance network model predicts the TGP resistance to be 0.26 K/W. However, the numerical model predicts the TGP resistance to be in the range of 0.51 K/W-0.56 K/W at the lower heat flux inputs. The reason for this under-prediction of the TGP resistance by the resistance network model is the inappropriate accounting of the vapor core resistance. It is clear that simplified resistance network models presented in the literature [15] are not adequate for predicting the performance of very thin vapor chambers, and that the resistance of the vapor core should be appropriately factored into the computations.
2) TGP Design Parameters and Performance Optimization: The variable parameters in the TGP device are: substrate wall thickness; thickness, porosity, and pore radius of the wick structure; thickness of the vapor core, and size and location of the porous posts and of the evaporator (heat-input region). The output (performance) parameters are the thermal resistance and the capillary limit (or the maximum heat transport capability) of the device. The different input parameters affect the two outputs in different ways and to different extents. For example, an increase in the thickness of the wick structure leads to an increase in the thermal resistance. At the same time, generally, the heat transport capability of the device also increases with increasing wick thickness, since the liquid flow pressure drop is reduced due to the greater cross-sectional area available for flow. However, as noted above, a greatly reduced vapor core thickness resulting from an increase in wick thickness beyond a certain extent leads to increased flow pressure drop in the vapor core and adversely affects the heat transport capability at small vapor core saturation temperatures.
Changes in the vapor chamber performance in response to variations in the wick and vapor core thicknesses is explored for a 1-mm-thick TGP with a fixed substrate wall thickness of 0.25 mm and the condenser side ambient temperature of 293 K. The cases considered in this optimization study are summarized in Table V . The wick thickness is varied from 0.05 to 0.25 mm, with a corresponding variation of vapor core thickness from 0.4 to 0.2 mm. In all four cases, a 0.05-mm-thick wick is included on the condenser side of the TGP. The boundary conditions utilized for the optimization study are also presented in Table V . The wick thermal conductivity, permeability, and porosity are taken as 30 W/mK, 6.45 × 10 −12 m 2 , and 50%, respectively. Fig. 14(a) shows the variation of the TGP thermal resistance with wick thickness and input heat flux for a condenser-side ambient temperature of 293 K. The vapor chamber thermal resistance is very sensitive to wick thickness at any input heat flux, and is highest for the largest wick thickness (0.25 mm). The TGP resistance also decreases with an increase in the input heat flux. It is less sensitive to the input heat flux for small wick thicknesses, while it decreases significantly with the increase in input heat flux when the wick thickness is large and the vapor core is very thin. This is because the vapor core thermal resistance is significant at small core thicknesses and it decreases with increasing heat flux, thus decreasing the overall TGP resistance. Fig. 14(b) shows the response surface for the total flow pressure drop in the TGP device, presented for different wick thicknesses (thus varying vapor core thicknesses) and heat flux inputs. At low heat inputs, the total pressure drop is relatively insensitive to wick thickness. However, its variation is significant at larger heat fluxes (∼100 W/cm 2 ). The total pressure drop decreases as the wick thickness is increased (from 0.05 to 0.2 mm), while it increases marginally due to an increase in the vapor pressure drop as the wick thickness increases from 0.2 to 0.25 mm.
As discussed above, a trade-off in the variation of the TGP resistance and flow pressure drop (which determines the heat transport capability of the vapor chamber) as the wick thickness is varied from 0.05 to 0.25 mm. To achieve the optimum wick thickness that minimizes both the thermal resistance and the flow pressure drop, a CF is formalized as shown below CF = w 1 R TGP | norm + w 2 P total | norm
In (17), the CF is derived from the normalized TGP thermal resistance and total flow pressure drop, assigning different weights to the two output parameters. In this analysis, equal weights (w 1 , w 2 = 0.5) are assigned to the two outputs. The objective in the optimization is to minimize the CF. The resulting variation in CF with changes in the wick thickness and the input heat flux is shown in Fig. 15 . It is noted that for applications with small heat flux inputs, the smallest wick thickness (=0.05 mm) is optimal for the device performance. For applications with greater heat loads, however, a moderate wick thickness of 0.1 mm leads to the minimum CF and thus optimum performance.
VI. CONCLUSION
In this paper, a 3-D numerical model has been developed to predict the performance of two-phase heat spreaders, such as heat pipes and vapor chambers using water as the working fluid. The model was used to simulate the performance of a 3-mm-thick vapor chamber, also referred as a TGP. The model was validated by performing experiments on customfabricated TGPs. It was noted that the vapor chamber performs as a better heat spreader than a solid block only at higher heat fluxes (>100 W/cm 2 ) for the given geometry and mounting surface temperature. At these heat fluxes, nucleate boiling occurs in the wick structure, leading to a decrease in its thermal resistance. The vapor chambers were fabricated with porous posts for mechanical integrity of the device under sub-atmospheric operating pressures. The porous posts lead to a shorter path for liquid return from the condenser to the evaporator regions of the device, thus decreasing the liquid flow pressure drop in the wick structure. The model and experiments show that the vapor chamber works as an excellent heat spreader at high heat flux inputs (>100 W/cm 2 ).
The model was also employed to optimize the performance of a 1-mm-thick TGP device. At this thickness and a vapor core saturation temperature of 293 K, the vapor core poses a significant thermal resistance and the vapor pressure drop is comparable in magnitude to the liquid pressure drop in the wick. However, at a higher condenser-side ambient temperature of 333 K, which also leads to a higher saturation temperature in the vapor core of the device, the vapor pressure drop and thermal resistance were noted to be negligible. The simulations reveal that the vapor chamber thermal resistance at low saturation temperatures does not scale with its thickness when the vapor core resistance starts to become significant. An optimum wick thickness that minimizes both the flow pressure drop and the device thermal resistance was identified based on an optimization study. Over the range of wick thicknesses (0.05 mm-0.25 mm) chosen in this paper, the smallest wick thickness of 0.05 mm and a moderate wick thickness of 0.1 mm were noted to maximize the thermal and hydrodynamic performance of the ultrathin vapor chambers at low and high heat flux inputs, respectively.
